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Tooth wear is considered to be one of the major causes of failure modes in gearing systems. The achieved 
service life of the geared unit mainly depends on the gear tooth strength and surface wear. Excessive 
wear is characterized by loss of tooth profile, which results in high noise and vibration, a minor loss of 
conjugate action and a reduction in efficiency. Hence, enhancement of gear life against wear becomes an 
important requirement for effective design detailing of gears. This article presents an idea to minimize 
the wear of the gear teeth by adopting non-standard gear. Non-standard gear is defined as one whose 
tooth thickness at the pitch circle is not equal to O.Sirm. In this study, the impact of the tooth thickness 
coefficient on tooth wear for standard and non-standard spur gears is numerically investigated. The non¬ 
standard tooth thickness in the pinion leads to enhancement of the tooth strength and leading to re¬ 
duction of tooth wear. Finally, the influence of gear parameters such as gear ratio, pressure angle and 
pinion teeth number on wear depth, for non-standard pinion and gear has been investigated and the 
results of the parametric study are discussed, 

© 2017 Elsevier B.V. All rights reserved. 


1. Introduction 

Gears are important machine elements which are used to 
transmit power and motion between two parallel and non-parallel 
shafts. Wear is defined as the attrition of material from the contact 
surfaces by mechanical action and it is considered to be one of the 
major failure modes prevalent in the gear transmission system. 
During power transmission, wear can occur on the tooth contact 
surface due to a combination of rubbing action between the me¬ 
shed gears, excessive service load and inappropriate working 
conditions. Excessive wear is characterized by loss of tooth profile, 
which results in high noise and vibration [3-5], a minor loss of 
conjugate action and a reduction in efficiency. Diminished gear 
contact pattern due to excessive wear leads to an alteration in the 
load distribution which increases the contact stresses and accel¬ 
erates the other modes of failure in the spur gear tooth [6]. 

Several studies are available in literature in which different 
materials and improved methodologies with various wear models 


Abbreviations: EHL, Elasto hydrodynamic lubrication; FEM, Finite element 
method; HPTC, Highest point of tooth contact; HPSTC, Highest point of single tooth 
contact; LPSTC, Lowest point of single tooth contact; LPTC, Lowest point of tooth 
contact; NCR, Normal contact ratio 
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were used to predict the tooth wear in standard spur and helical 
gears. Archard [7] proposed generalized relations to evaluate the 
wear between the contact surfaces. Flodin and Anderson [8] de¬ 
veloped a numerical wear prediction model for estimating mild 
wear in standard spur and helical gears using generalized Arch- 
ard’s wear equations. The impact of the intensity of spur gear tooth 
flanks wear on the changes of contact stress was also analyzed. 
With the increase of tooth wear depth, the contact stress changed 
due to the changes in the teeth profile geometry. Wu and Cheng 
[9] derived a relation for quantifying the equivalent wear rate and 
tooth wear profiles along the line of action. Results show that the 
highest wear occurs at the beginning of the engagement which 
corresponds to dedendum of the driving gear. 

In order to minimize the wear, materials with high hardness, good 
strength and less coefficient of friction are needed. The surface wear 
and scuffing resistance are superior in the Austempered ductile iron 
gears than that of steel gears [10]. The use of unlubricated aluminium 
bronze gears resulted in poor performance with high wear rates, even 
though the material hardness was virtually the same as normalised 
En8, which proved to he much better [11], The wear resistance of 
sintered unlubricated spur gear containing 3% of M 0 S 2 is at relarively 
higher level as compared to that of steel gear [12[. The surface finish 
has a more pronounced influence on the wear rate compared to the 
traction coefficient [13]. 

In the available literature, some investigations have been made 
on standard spur gears to enhance the tooth strength and wear 
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Nomenclature 

Ep and Eg Young’s modulus of the pinion and gear in GPa 
E’ Equivalent young's modulus in GPa 

Ei Load shared by a contact pair at any instantaneous 

contact point in N 
En Normal load in N 

G Material parameter 

H Hardness of the material 

J Dimensionless wear coefficient 

K„ Wear coefficient in m^/N 

K Ellipticity factor 

Np Speed of the pinion in rpm 
Ph Contact pressure in MPa 

Rp and Rg Radius of curvature of the pinion and gear in mm 
Ri Equivalent radius of curvature at any instantaneous 

contact point in mm 
S Local contact temperature in ‘’C 

T input torque in N m 

Ui Speed parameter at any instantaneous contact point 

V Volume of the worn out material in m^ 

W Load parameter at any instantaneous contact point 

Xi Distance between the contact point and pitch point at 

any instant in mm 

a; Semi contact width at any instantaneous contact point 

in mm 

b Face width in mm 

h Wear depth in mm 

i Gear ratio 

kp and kg Tooth thickness coefficient for pinion and gear 
m Module in mm 

rap Addendum circle radius for pinion in mm 

rbp Base circle radius for pinion in mm 
rfp Dedendum circle radius for pinion in mm 
ri Radius at any instantaneous contact point in mm 

top and tog Pitch circle radius of the pinion and gear in mm 
Sp and Sg Sliding distance of the pinion and gear in mm 
ti Tooth thickness at any radius in mm 

top and tog Tooth thickness of the pinion and gear at pitch circle 
in mm 

tosp Tooth space of the pinion at pitch circle in mm 


Ve Entraining velocity in m/s 

Vp and Vg Sliding velocity of the pinion and gear in m/s 

Xi and yi Cartesian coordinates of the tooth profile 

x'i and y’i Cartesian coordinates of worn out tooth profile 

ya Addendum factor 

yf Dedendum factor 

me Backup ratio 

Zp Number of teeth in pinion 

Symbols 

tto Pressure angle at pitch circle in degree 

Pressure angle at any instantaneous contact point in 
degree 

e Contact ratio 

9op Angle of half tooth thickness in pinion in degree 

0i Angle of half tooth thickness at any instantaneous 

contact point in degree 

0’i Angle of half tooth thickness of worn out tooth at any 
contact point in degree 

p Pressure viscosity coefficient of the lubricant in (1/Pa) 

Yo Absolute viscosity of the lubricant in Pa s 
Vp and Vg Poission' ratios for pinion and gear 
frtmaxp and otmaxg Maximum fillet stresses for pinion and gear 
in MPa 

(Dp and (Dg Angular speed for pinion and gear in rad/s 
q)L EHL film thickness in mm 

Subscripts 

N Normal direction of tooth surface 

a Addendum circle 

b Base circle 

g Gear 

i Instantaneous Contact point 

n Number of meshing cycle 

o Pitch point 

p Pinion 

max Maximum 


resistance by changing the shape of the tooth profile, in metal 
gears, wear depends on contact load, pressure and sliding dis¬ 
tances between the contact points. As the shape of the tooth 
profile changes, the load shared by the contact pairs and the re¬ 
spective contact pressure changes, which in turn leads to change 
in the tooth wear. Mao [14] analyzed the influence of profile 
modifications (tip relief, face width crowning and lead correction) 
on fatigue wear of standard spur gear using finite element method 
(FEM). Xu et al. [15] developed an empirical relation to determine 
the coefficient of friction for elasto hydrodynamic lubrication 
(EHL) model under typical operating, surface and lubrication 
conditions. They also investigated the influence of gear para¬ 
meters, tooth modifications, operating conditions, surface finish 
and lubricant properties on mechanical efficiency. 

An accurate FEM was used to investigate the effect of tip relief on 
wear of asymmetric spur gears by Karpat and Osire [16]. It was found 
that as the tip relief increases, the wear depth, particularly at the be¬ 
ginning and end of the mesh decreases. The wear depth on every 
point along the profile of modified gear (tooth width modification) 
was at relatively lower level as compared to that of an unmodified 
gear [17]. The gear with low pressure angle (14.5°) gave no benefit in 


terms of wear when compared to the standard 20° profile [11 [. Wear 
at profiles with negative addendum modification was higher than the 
profiles having positive addendum modification [18]. Ristivojevic et al. 

[19] studied the impact of the load sharing ratio, teeth geometry, 
contact stresses, pitch point’s position and manufacturing accuracy on 
wear of the spur gear tooth flanks. They reported that the wear of the 
gear teeth dedendum (both driving and driven) was more intensive 
than the wear of the teeth addendum. Parts of tooth flanks below 
pitch surface were more susceptible to surface failures than parts of 
tooth flanks above pitch surface. Models based on the finite element 
method were employed for wear predictions of gears by Bajpai et al. 

[20] , Brauer and Andersson [21 [. In these models, FEM was used to 
estimate the tooth contact stresses and the sliding distances between 
the tooth contact points. Results stated that the initial geometiy of the 
mating tooth surfaces impacted the wear behavior significantly. Re¬ 
cently, an attempt was made by Sekar and Muthuveerappan [22] on 
balanced bending stresses of non-standard gears using FEM. Their 
research work primarily concentrated on the improvement of the 
bending load capacity of spur gears. However, the contact load capa¬ 
city and tooth wear of non-standard spur gears were not dealt with. 
Hence, in this research work an attempt has been made in this line. 
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The main objective of this present study is to enhance the load 
carrying capacity and wear resistance of the high quality normal 
contact ratio spur gears through different profile modification ap¬ 
proach. In this work, the non-standard tooth thickness characteristic 
is employed at pitch circle of the pinion and gear which is considered 
as one of the effective profile modification technique. A standard gear 
drive is one whose tooth thiclmess at the pitch circle equals O.Sttm, 
whereas, the tooth thickness at pitch circle in non-standard gear drive 
is not equal to O.Sttm. A constant circular pitch of ‘jtm’ is maintained 
along the pitch circle of the pinion and gear in both the cases. 

In this study, a methodology that combines a multi pair contact 
analysis model (FEM) and Archard's wear prediction model is used 
to describe the evaluation of tooth surface wear of spur gear pairs. 
The tooth thickness coefficient, contact load of the meshing pair, 
balanced fillet stress, contact pressure and the respective wear 
depth along the line of action have been comparatively evaluated 
for standard and non-standard spur gears. In addition, the influ¬ 
ence of gear parameters like gear ratio (i), pressure angle (ao) and 
pinion teeth number (Zp) on load sharing based wear depth of 
standard and non-standard spur gears have also been investigated 
and the results of the parametric study are discussed. 


2. Determination of tooth thickness coefficient in non-stan¬ 
dard gear 


The schematic tooth layout for determining the tooth thickness 
coefficient in the non-standard pinion is shown in Fig. 1. The 
thickness of the non-standard pinion tooth at pitch circle is ex¬ 
pressed as. 


^op kpjtm 2rQp9Qp 


( 1 ) 


where, kp - tooth thickness coefficient for pinion tooth. kp=0.5 for 
standard pinion tooth and kp^tO.S for non-standard pinion tooth. 
I'op- pitch circle radius of the pinion tooth in mm. 

0op- angle of half tooth thickness in degree. 

The circular pitch of the pinion is given by, 
tooth thickness + tooth space = circular pitch 

kpitm + tooth space = urn ( 2 ) 


The tooth space of the pinion tooth (to^p) is equal to the 
thickness of the gear tooth (tog) which is given by. 


tpg = icm — kpicm 


tog = (1 - kp)itm 


tog = kgitm 


(3) 



Fig. 1. Schematic tooth layout of non- standard pinion. 


0, = -5- 

' 2r,. 


kpjim 


+inva„ 


- inva,' 


where, 

tan a,- = ttj — inv a,- 


( 6 ) 


r,' cos a,- = r„ cos a„ = r^^ 

tbp - base circle radius of tbe pinion. 

Considering gear center as the origin, the Cartesian coordinates (x, 
and y,) of the involute profile at any radius r, are given as follows 

Xj = q sin 0,- (7) 


y. = q cos 0,. (8) 

The series of coordinate points between addendum circle and 
limiting circle are generated using these two Eqs. (7) and (8) and 
the required involute profile is obtained by joining these points 
using spline curve. The standard and non-standard tooth profiles 
are shown in Fig. 2 and it is inferred that the tooth thickness of the 
non-standard pinion is higher than that of the standard pinion. 


3. Simulation of wear in spur gears 

Gear contact involves combined rolling and sliding action of 
two mating gear in moving teeth surfaces. The sliding wear is 
evaluated based on the basic assumption that (i) the surfaces are 
under mixed or boundary lubricated condition (ii) the hardness 
value of the material is constant throughout the wear cycle. In this 
work, the proposed methodology employs single point observa¬ 
tion-based gear contact mechanics in conjunction with Archard’s 
wear formulation to predict the tooth wear and wear pattern in 
spur gears. Sliding wear at a point on the contact surfaces can be 
considered as an initial value problem and it is expressed by the 
differential equation [8] as. 


where, kg - tooth thickness coefficient for gear tooth =1 - kp 
The tooth thickness of the pinion at any radius r, is given by 
[23,26], 

tj = 2q[ —+inv - inv a.] 

V 2ro ) (4) 

It can be rewritten in terms of tooth thickness coefficient (kp) 
as 

( 

t, = 2rJ ——+inv a. - inv a, 

l 2rp ) (5) 

The angle of half tooth thickness 0,- at any radius r,- of the in¬ 
volute curve is determined by 



Fig. 2. Variation of tooth thickness at pitch circle in the standard and non-standard 
pinion. 
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— = /(P^.v, S, materials, lubrication....) „ 

QS w/ 

where, 

Ph - contact pressure or contact stress in MPa. 
h - wear depth in mm. 

s - sliding distance of a point i which slides against an inter¬ 
acting tooth flank during one mesh, in mm. 

V - sliding velocity in m/s. 

S - local contact temperature in °C. 

The generalized Archard’s [7] wear equation is used to estimate 
the sliding wear and it is given by, 

— _ 1 ^ 

s ■’ H (10) 

where, V is the volume of the worn out material, s is the sliding 
distance, is the applied normal load, H is the hardness of the 
contacting surface and J is the dimensionless wear coefficient. 

By dividing Eq. (10) on both sides by the apparent contact area, 
it is modified as. 



Fig. 3. Two cylinders contact analogy for non-standard spur gear teeth pair. 



( 11 ) 


where, l<w is the wear coefficient which is equal to J/H. The wear 
coefficient I<w is taken as 5 x 10“’® m^/N [ 8 ] 

Integrating Eq. (11) with respect to sliding distance gives the 
wear depth (h) at a point on the mating teeth surfaces. 


h = J K„PHds 
0 


( 12 ) 


Eq. (12) is considered as the generalized equation for finding 
out the wear depth. 

In the single point observation based gear contact procedure, 
the contact pressure ((Ph).). the semi contact width (a,) and the 
sliding distances are calculated for the observed point (i) in the 
mesh cycle using the following relations. The Hertzian contact 
pressure developed along the line of contact between the gear 
teeth surfaces is given by, [23] 


2 F,. 
ica,b 


(13) 


where, b is a face width of the gear and F; is a load shared by the 
contact pair at fth contact point. 

The semi Hertzian contact width (a,) is determined by, [23] 


3,= 


3tb 



1 





2 

's 


(14) 


The gear contact model is simplified by two cylinders in contact 
for estimating the sliding distance. The radii of the cylinders are 
expressed by, [ 8 ] (Fig. 3) 

(*^p)i “ *^0? “o (15) 


(*^g)i “ sin tt;, + Xj 0 ^ 

where, Vp, Vg are the Poission's ratio of the pinion and gear ma¬ 
terials. Ep, Eg are the Young's modulus, top and tog are the radius of 
the pinion and gear at pitch circle, tto is a pressure angle at pitch 
circle, X,- is the distance between the pitch point and the in¬ 
stantaneous contact point. 

The sliding distance of the pinion and gear at the instantaneous 


contact points are, [ 8 ] 


(sp) = 2 a, 


(''p)i - (''g),- 


(''p)i 


(17) 


{h) = 


2 a, 


(4 - (vp), 


(4 


(18) 


where, Vp and Vg are the peripheral velocities of the pinion and 
gear which are calculated with the following equations. 


(4i “p(*^p), 

(19) 

(4 = 4Rg),- 

(20) 


The entraining velocity (Vg) is calculated by using the following 
relation [ 8 ], 

(4 = 2[^4 (4j (21) 


The gear contact elasto hydrodynamic lubrication (EHL) film 
thickness (q)L) is calculated using the method proposed by Ham- 
rock and Dowson [1] and it is given as 

((Pp)i = 2. 69 1 - 0. 61e-0-^^'^)Rj (22) 

where, K is the ellipticity factor which is taken as a constant value 
of 12 for gear contact [2]. The properties of the lubricant used in 
this study are given in Table 1. 

The dimensionless speed parameter is given by, 


Table 1 

Properties of the lubricant [15]. 


Name of the property and value 


1. Absolute viscosity (yo)=0.0065 Pa s 

2. Pressure viscosity coefficient (p)^l.2773x10'^ 1/Pa 

3. Inlet temperature^373.15 I< 

4. Density^813 Kg/m^ 

5. Temperature viscosity coefficient=0.1176 W/m K 

6. Coefficient of thermal expansion^6.53x10'^ (l/K) 

7. Specific heat^2000J/kg K 
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U,= 


(Ve),Yo 

E'R, 


(23) 


where, absolute viscosity (Yq) is taken as the value of 
Yo=0.0065 Pas [15], 

R, is the equivalent radius at any instantaneous contact point 
and it is defined as, 


R,= 




(RpU (RJ, 


(24) 


in which 



( 25 ) 


The contact surface is considered as a smooth surface and RMS 
composite roughness factor is taken as 0.1 pm [15]. The material 
parameter (G) is expressed as a product of E' and the pressure 
viscosity coefficient (p = 1.2773x10“^ 1/Pa [15]) which is written as, 

G = E'p (26) 



(a) Pinion and gear in contact 




(d) von Mises stress at contact region 



(e) Maximum fillet stress developed at the fillet region 
Fig. 4. Multi pair finite element contact model for non-standard pinion and gear. 
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The load parameter W, is given by, 

W = 

‘ E'r2 (27) 

The accumulated wear depth on the pinion and gear teeth 
surfaces for ‘n’ number of mesh cycles is evaluated with the fol¬ 
lowing formula, [8], 
for pinion, 

^(,n ~ (n-1) 

for gear. 


(29) 


h/ „ = h: 


(n-l) 


+ KwfPnl^a, 





4. Finite element model of non-standard gear 

The finite element method is widely used to solve many com¬ 
plex problems with reasonable accuracy. The accuracy of the FEM 
mainly depends on the geometry of the model, type of mesh 
pattern, and type of element used in the FEM as well as the as¬ 
sumption made on the boundary condition. Sekar and Muthu- 
veerappan [24,25] determined the bending strength of symmetric 
and asymmetric spur and helical gears with reasonable accuracy 
through finite element method. Using a method proposed by 
Buckingham [26], the involute and trochoidal tooth profiles for 
pinion and gear are developed from the given basic gear para¬ 
meters. Commercial software, ANSYS 12 is used for modeling and 
analysis purpose. The plain strain condition is used to formulate 
the FE model. Three teeth full rim multi pair contact FE model is 
displayed in Fig. 4 which is discretized using a triangular PLANE 42 
element to carry out the analysis. A very fine mesh is applied at the 
contact and fillet areas of the pinion and gear but a coarse mesh is 
applied at the remaining areas for minimizing the solution time. 
Contact element (CONTA 172) and Target element (TARG 169) are 
used to establish surface to surface contact between pinion and 
gear. The gear contact surface is considered as a smooth surface. As 
far as boundary conditions are concerned, inner periphery of the 
gear is constrained in all directions (radial and tangential direc¬ 
tions) and the inner periphery of the pinion is constrained only in 
radial direction. The input torque T (T=Fn x rtp) is applied in the 
tangential direction of the pinion hub. 

A convergence study with respect to the fine mesh of the element 
at the contact and fillet regions is carried out to assess the approx¬ 
imate number of elements required. The fillet and contact stresses 
obtained through the convergence study are shown in Fig. 5(a and b) 
and it is found that the contact pressure level converges to a constant 
level, when the number of elements present in the contact region is 
20,000 and above. It is also inferred that the fillet stress level reaches 
the constant level, when the number of elements present in the cri¬ 
tical fillet region is 300 and above. The contact region is discretized by 
a very fine mesh with 40,000 elements (40,000 > convergence level) 
and fillet region is discretized with 600 elements (600 > convergence 
level) (Fig. 4(b)). The area of the worn out tooth is lesser than the 
initial tooth area. Therefore, the same number of elements can be 
used for the discretization of worn out teeth and it does not affect the 
FEM results. 

The critical contact positions of the non-standard spur gear drive 
are shown in Fig. 6. Contact begins when addendum circle of gear 
tooth intersects the line of action at A and ends when the addendum 
circle of the pinion intersects the line of action at D. The distance 
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Fig. 5. Stresses obtained through convergence study (For i=1.5. ao=20°, Zp=20 
and kp=0.5463). 


between the two points A and D is called as the length of line of ac¬ 
tion. In normal contact ratio spur gear drives (Figs. 3, 1 < contact ratio 
< 2), during the mesh cycle, some part of time two pairs share the 
total normal load and only one pair shares the full normal load in the 
remaining time. The regions AB, CD are called as double pair contact 
region and BC is called as single pair contact region. The length of line 
of action (AD) is divided into several individual points (i number of 
points), and each point is represented by contact characteristics. The 
unbalanced fillet stresses developed in the standard pinion and gear 
are maximum, when the load is applied at the highest point of single 
tooth contact (FfPSTC - point C for pinion and point B for gear), which 
are balanced by modifying the tooth thickness at pitch circle of the 
pinion and gear (from standard to non-standard). In this work, the 
tooth thiclcness coefficient for achieving the balanced fillet stress be¬ 
tween the pinion and gear, load shared by the contact teeth pair and 
the respective contact pressure along the line of action have been 
calculated using FEM. The accumulated wear depth for 2000 mesh 
cycles is also determined by substituting the FEM based calculated 
values of load share and contact pressure in Eqs. (28) and (29). The 
pinion tooth profile is updated for every 250 cycles. The schematic 
tooth layout to get the worn out profile is shown in fig. 6. 

Equations for determining the coordinates of the worn out 
tooth profile are given as, 

x; = X, - h, cose; (30) 

y; = y - hj sine; ( 3 i) 

where, hi is a accumulated wear depth for ‘n’ no of cycles. 
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Critical contact points for pinion 

A - Lowest point of tooth contact (LPTC) 

B - Lowest point of single tooth contact 
(LPSTC) 

P - Pitch point 

C - Highest point of single tooth contact 
(HPSTC) 

D - Highest point of tooth contact (HPTC) 


Fig. 6. The schematic tooth layout to get the worn out profile. 


5. Results and discussion 

5.1. Wear depth on standard and non-standard spur gears - a 
comparison 

An accurate estimation of accumulated wear depth value on 
gear teeth surfaces becomes an important concern to enhance the 
gear life against wear. For the given gear parameters (Table 2), the 
tooth thickness coefficients (kp and kg) required for achieving the 
maximum balanced fillet stress between the pinion and gear were 
determined by Sekar and Muthuveerappan [22]. In that process 
several set of standard and non-standard rack cutters were used to 
generate the tooth profiles. The variation of maximum fillet stress 
in the pinion and gear for different tooth thickness coefficients is 
plotted in Fig. 7(a). 

It is found from Fig. 7(a) that the maximum fillet stress de¬ 
veloped in the pinion fillet region (kp=0.5 and atmaxp=25.93) is 
higher than that of gear (kg=0.5 and otmaxg=24.18) in the stan¬ 
dard gear drive with gear ratio i = 1.5, when the load is applied at 
HPSTC (point C for pinion and point B for gear). It is inferred that 
the maximum fillet stress in the pinion tooth decreases and at the 
same time it increases in the gear tooth as kp increases. This 
maximum unbalanced fillet stress is removed and a balanced 
maximum fillet stress (crtmaxp=mmaxg=25.19, load at HPSTC) is 
also achieved between the pinion and gear by providing a non¬ 
standard tooth thickness (kp= 0.5463 and kg=0.4537, Fig. 7(c)) at 
the respective pitch circle of the pinion and gear. This is because of 
an increased tooth thickness in the pinion tooth and a propor¬ 
tionate amount of reduced tooth thickness in the gear tooth. The 


Table 2 

Gear parameters used for FE analysis. 


Gear parameters 

Value 

Module m (mm) 

1 

Pressure angle (ao) (degree) 

20° 

Gear ratio (i) 

1.5 

Pinion teeth number (Zp) 

20 

Addendum factor (ya) 

1 

Dedendum factor (yf) 

ya + 0.25 

Addendum modification factors (Xp=Xg) 

0 

Backup ratio (me) 

2.222 

Contact ratio e 

1.6052 

Normal load Fn (N) 

10 

Input speed Np (rpm) 

150 

Young's modulus E (GPa) 

210 

Poisson’s ratio v 

0.3 

Face width (b) 

Unit width 

Rack cutter type 

Full round rack cutter 


reduction of maximum fillet stress (from 25.93 to 25.19) in the 
pinion tooth indicates an improvement of bending strength in the 
pinion. Hereafter, the gear drive with balanced bending stress is 
referred as a non-standard gear drive. 

The load shared by a contact pair, the corresponding fillet 
stresses, EHL film thickness, semi contact width, contact pressure, 
sliding distance and wear depth for the given gear parameters 
(Table 2) are evaluated along the line of action for standard (for 
unbalanced fillet stresses, kp=0.5) and non-standard spur gears 
(for balanced fillet stress, kp=0.5463). These calculated values are 
plotted against contact position, as shown in Fig. 7(b-h). Due to 
the increase in kp (standard to non-standard), the load shared by a 
contact teeth pair in the double pair contact region AB (part of 
dedendum flank portion in pinion) decreases, while the simulta¬ 
neous contact pair in the region CD (part of addendum face por¬ 
tion in pinion) shares more load. Only one pair shares the full 
normal load in the single pair contact region BC (Fig. 7(b)). 

In the non-standard pinion, a small increase in EHL film 
thickness (cPl) is observed in the double pair contact region AB due 
to the reduced load share and a proportional decrease in q)L is 
observed at the other simultaneous contact region CD due to an 
increased load share (Fig. 7(d)). Because of this reason, the max¬ 
imum fillet stresses (otmaxp). semi contact width (a) and contact 
pressure (Ph) decreases in the double pair contact region AB in the 
non-standard pinion (Fig. 7(c, e and f). However, it is also inferred 
from Fig. 7(f)) that an increased tooth thickness coefficient has no 
effect when the pinion is loaded at the lowest point of single tooth 
contact (LPSTC- point B). 

Fig. 7(h) shows the predicted wear depth in NCR standard and 
non-standard gear drives. The obtained wear depth trend agrees 
well with the available literature [11,12]. Based on a study made 
on the wear, the maximum wear depth occurs in the part of flank 
(AB) and part of face regions of the tooth (CD). The accumulated 
wear depth in the pinion tooth surface is higher than that of gear 
tooth surface but the highest wear depth occurs at the lowest 
point of tooth contact (LPTC - A) in the pinion tooth surface due to 
the maximum sliding distance (Fig. 7(g and h)). There is a definite 
decrease in wear depth observed in the double pair contact region 
(AB) of the non-standard pinion tooth surface which is mainly due 
to a definite decrease in load share, contact pressure and sliding 
distance at this region. At the pitch point region there is no wear 
observed due to zero sliding. Because of this advantageous trend, 
the non-standard gear improves the wear resistance and load 
carrying capacity of the gear tooth in bending. 
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Tooth thickness coeflicient for pinion, k 
P 

(a) Variation of maximum fillet stress for different kp and kg 




(e) Variation of semi contact width for standard 
and non-standard spur gears 



(g) Variation of sliding distance width for standard 
and non-standard spur gears 



-1.0 -0.8 -0.6 -0.4 -0.2 0. 


Contact position (X/p^l (IIPTClp 
(b) Variation of load share for standard 
and non-standard spur gears 



and non-standard spur gears 




(LPTCl^ Contact position (X/p^) (UPTC),, (IPTC)p Contact Position (X/p) 

(f) Variation of contact stresses for standard (fiPTO^ d- 

and non-standard spur gears (h) Variation of wear depth for standard and non-standard spur gears 


Fig. 7. Comparison of standard and non-standard spur gears (For m=l, i=1.5, ao=20°, Zp=20 and ya—1). 


5.2. Parametric study 

A parametric study is also desirable to quantify the influence of 
basic gear design parameters and tooth profile modifications to aid 
the gear designer in minimizing surface wear. Hence, a detailed 
parametric study has been made to determine the wear depth in 
non-standard pinion and gear (only for balanced fillet stress cases) 
with different values of the gear parameters such as i, ao, and Zp. 
The non-standard tooth thickness coefficients required for 
achieving the balanced fillet stress (atmaxp and atmaxg) between 
the pinion and gear are determined and tabulated for the given 
values of gear parameters in Table 3. 

5.2.3. Influence of gear ratio (i) 

The influence of gear ratio on non-standard gears is also stu¬ 
died and the results are shown in Fig. 8(a-g). A significant decrease 
in the values of load share at the beginning of the contact (LPTC - 
point A) and a proportional increase in these values at the other 
simultaneous contact point (HPSTC - point C) are noticed as the 
value of i increases (Fig. 8(a)). This is because of the shifting of 
point A away from the pitch point and the moving of point C to¬ 
wards the pitch point. From Fig. 8(b), it is found that the tooth 
thickness coefficient for balanced fillet stress increases (kp=0.5, 
0.5463 and 0.5685 for i=l, 1.5 and 2) with an increase in gear 
ratio. Due to the combined effect of an increased tooth thickness 
and a decreased bending moment arm (shifting of point C towards 
the pitch point), the maximum balanced fillet stresses at HPSTC 
(Fig. 8(b), (at)n,ax=26.34, 25.19 and 24.85) decreases significantly. 
It is inferred from Table 3 that an unbalanced fillet stress between 
the standard pinion and gear increases as i increases. Hence, the 
amount kp required to achieve the balanced fillet stress increases 
ultimately. 

Even though the values of load share decrease at LPTC (point A) 
as i increases, the qtt decreases (Fig. 8(c)) at LPTC due to the cor¬ 
responding decrease in entraining velocity (Ve refer Eqs. (21)- 
(23)). This is because of the shifting of point A away from the pitch 
point with respect to increase in i. However, a definite increase in 
epL is observed at the other critical contact points B, C and D due 
the corresponding increase in Ve at the respective contact points. It 
is found from Fig. 8(e) that the maximum contact pressure at 
LPSTC (point B, (PH)max=441.2, 416.56 and 398.67) decreases due 
to the combined effect of reduced load share and an increased ept 


Table 3 

Maximum fillet stresses for standard and non-standard gears with different gear 
parameters. 


S.No 

Gear parameters 

Standard gear drive 
■ with unbalanced fil- 
let stress (MPa) 

Non-Standard gear 
drive with balanced 
fillet stress (MPa) 

Constant 

parameters 

Valuing 

parameter 



Gear ratio 

in 

o 

II 

II 

a 

- 



i-1 

maxp— 





maxg = 26.34 


1. 

m-1. 

i-1.5 

in 

d 

II 

II 

a 

kp=0.5463 and 


tto— 20° 



kg=0.4537 


and Zp=20 


maxp — 25.93 

maxp — 




maxg = 24.18 

at maxg = 25.193 



i-2 

in 

d 

II 

II 

a 

kp=0.5685 and 





kg=0.4315 




maxp — 25.45 

maxp — 




at maxg = 23.25 

maxg —24.85 

2. 

m-1. 

Pressure 

in 

d 

II 

II 

a 

kp=0.5463 and 


i=1.5, and 

angle 


kg=0.4537 


Zp=20 

Ho— 20° 

maxp — 25.93 

maxp — 




maxg = 24.18 

maxg —25.193 



Qq— 22° 

l<p = kg=0.5 

kp=0.554 and 





kg=0.446 




maxp— 25.22 

maxp — 




maxg —23.37 

maxg —24.83 



Zp = 20 

kp = kg=0.5 

kp=0.5463 and 





kg=0.4537 




maxp —25.93 

maxp — 




maxg = 24.18 

at maxg = 25.193 

3. 

m-1, 

Zp = 30 

kp^kg^O.5 

kp^O.535 and 


i = 1.5, and 



kg=0.465 


ao-20° 


maxp —23.2 

maxp — 




maxg —22.39 

maxg —22.99 



O 

II 

a 

N 

kp=kg=0.5 

kp=0.532 and 





kg=0.468 




maxp —22.07 

maxp — 




maxg —21.72 

maxg —21.96 


at LPSTC (point B). As the values of i increases, the contact pressure 
decreases which tends to decrease the wear depth throughout the 
mesh cycle (Fig. 8(e and g)). Hence, the material removed from the 
pinion tooth surface decreases ultimately. 
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(LPTC)p Contact position (X/pJ (HPTC),. 

(a) Variation of load share at different contaet 
position along the line of aetion 



(LPTC)j, Contact position (X/p^) (HPTC)^, 

(c) Variation of EHL film thickness at different contact 
position along the line of action 



(LPTC)p Contact position (X/p,^) (HPTC)^ 

(c) Variation of contact stresses at different contact 
position along the line of action 



' P Contact Position (X/p) ' P 

{HPTOg ^ (LPTC)g 

(b) Variation of maximum fillet stresses at different contact 
position along the line of action 



(LPTC)p Contact position (X/p^^) (HPTC)^ 


(d) Variation of semi contact width at different contact 
position along the line of action 



(LPTC)^ Contact position (X/p^) (HPTC)^. 
(f) Variation of sliding distance at different contact 
position along the line of action 



(g) Variation of wear depth at different contact 
position along the line of action 


Fig. 8. Influence of gear ratio on non-standard pinion (For m=l, oio=20°, Zp=20 and ya=l). 


5.2.2. Influence of pressure angle (ag) 

Non-standard gears with different pressure angles are devel¬ 
oped and their performance is also analyzed in this study (Fig. 9(a- 
g)). Due to an increase in ao, a very negligible variation in the 
values of load share at LPTC (point A) and a slight decrease in these 
values at LPSTC (point B) are observed (Fig. 9(a)). It is inferred from 
Table 3 that an unbalanced fillet stress between the standard pi¬ 
nion and gear increases as ao increases. Hence, the amount kp 
required to achieve the balanced fillet stress increases ultimately. 
From Fig. 9(b), it is found that as ao increases the maximum ba¬ 
lanced fillet stress decreases due the corresponding increase in the 
values of tooth thickness at pitch circle of the pinion tooth 
(kp=0.5463 and 0.554 for ao=20“ and 22°). 

It is clearly seen from Fig. 9(c and d) that as ao increases, the 
film thickness (cPl) and semi contact width (a) increases drastically 
throughout the mesh cycle which is mainly due to the corre¬ 
sponding increase in equivalent radius of curvature (R;) at the 
respective contact points. This significant increase in film thick¬ 
ness reduces the contact pressure throughout the mesh cycle 
(Fig. 9(e)). Even though there is a significant increase in the values 
of semi contact width with an increase in ao, the sliding distance 
at LPTC (point A) decreases (Fig. 9(f)) due to the reduction of 
sliding velocity ratio (as the value of R; increases, the sliding 


velocity ratio ((Vp-Vg)/Vp) decreases, refer Eq. (17)) at LPTC (point 
A). Hence, the highest values of wear depth decrease ultimately at 
this point (Fig. 9(g)). 

5.2.3. Influence of pinion teeth number (Zp) 

For a given unit module and the gear ratio 1.5, the tooth thickness 
coefficient, load share, the maximum balanced fillet stress, contact 
pressure and wear depth are determined for different number of 
teeth in the pinion and gear, as shown in Fig. 10. It is found from 
Table 3 that an unbalanced fillet stress between the standard pinion 
and gear decreases as Zp increases, it is also inferred that the effect of 
change in tooth thickness coefficient kp (from standard value to non¬ 
standard value) on maximum balanced fillet stress decreases with 
increasing number of teeth. Hence, a reduced tooth thickness 
(kp=0.5463, 0.535 and 0.532 for Zp=20, 30 and 40) is enough for the 
pinion tooth to achieve the balanced fillet stress between the pinion 
and gear for the higher values of Zp. The values of LSR increase at the 
double tooth contact region AB and decrease proportionally in the 
simultaneous contact region CD due to the increase in Zp (Fig. 10(a)). A 
significant decrease in balanced otmaxp is obsei'ved at HPSTC (point C) 
due to the decrease in bending moment arm (shifting of point C to¬ 
wards the pitch point- reduction of single pair contact region-BC) 
(Fig. 10(b)) with increasing Zp. 
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(a) Varialion of load share at different contact 
position along the line of action 



(LPTC)^ Contact position (X/p^) (HPTC)^ 

(c) Variation of HHL film thickness at difTcrent contact 
position along the line of action 



(LPTC)p Contact position (X/p^) (HPTC)p 

(e) Variation of contact stresses at different contact 
position along the line of action 



(LPTOp 

(HPTCL 


Contact Position (Xp^^) 


(HPTC)p 

(LPTC) 


(b) Variation of maximum fillet stresses at different contact 
position along the line of action 



(LPTC)|. Contact position (Xp^^) (HPTC)p 

(d) Variation of semi contact width at different contact 
position along the line of action 



(LPTC)^ Contact position (Xpj,) (HPTC)^ 

(t) Variation of sliding distance at different contact 
position along the line of action 



(g) Variation of wear depth at different contact 
position along the line of action 

Fig. 9. Influence of pressure angle on non-standard pinion (For m=l, i=1.5, Zp—20 and ya=l). 


Even though, the values of load share increases at the double tooth 
contact region AB as Zp increases, the contact pressure reduces 
drastically (Fig. 10(e)) due to the corresponding increase in film 
thickness (cPl) (Fig. 10(c)) and semi contact width (‘a’ increases with 
the increase in Ri) (Fig. 10(d)) at the respective contact positions. 
Hence, it is observed that the effect of increase in load share at the 
double tooth contact region AB is insignificant on contact pressure 
with increasing Zp in the non-standard gear. The sliding distance 
decreases throughout the mesh cycle (Fig. 10(f)) due to the corre¬ 
sponding decrease in the sliding velocity ratio ((Vp-Vg)/Vp) at the 
respective contact points of the pinion and gear (as the value of Rp 
and Rg increases, the sliding velocity ratio ((Vp-Vg)/Vp) decreases). 
Due to this reduction of contact pressure and sliding distance, the 
wear depth decreases significantly throughout the mesh cycle with 
respect to increase in Zp (Fig. 10(g)). 


6. Conclusions 

A detailed investigation on wear depth for standard and non¬ 
standard gears has been carried out using a mixed FEM and ana¬ 
lytical approach. The following observations are made from this 
investigation. 


1. In the standard gear drive (kp=kg=0.5) with i > 1, the max¬ 
imum fillet stresses in the pinion and gear are different. The 
maximum balanced fillet stress is achieved by adopting the 
unequal tooth thickness (kp^kgy^;0.5) at the pitch circle of the 
pinion and gear. For the given gear parameters (m=l, i=1.5, 
ao=20° and Zp=20), an increased tooth thickness coefficient for 
pinion (kp from 0.5 to 0.5463) is required to achieve the ba¬ 
lanced maximum fillet stress (Fig. 7(a)). 

2. In the non-standard gear (for m=l, 1=1.5, ao=20‘’, Zp=20 and 
kp=0.5463), the change in the values of load share is found to 
be significant in the double pair contact regions (AB and CD in 
Fig. 7(b)). The load carrying capacities of the pinion tooth in 
bending and contact increases due to the reduced load at the 
region AB (Fig. 7(c and f)). 

3. The accumulated wear depth is higher in the pinion tooth than 
that of gear tooth. The highest wear occurs at the part of de- 
dendum hank portion of the pinion (region AB). A significant 
decrease in the wear depth is observed at the region AB in the 
non-standard pinion tooth (for m=l, i=1.5, ao=20“, Zp=20 
and kp=0.5463. Fig. 7(h)) due to the reduced contact pressure. 

4. An increased tooth thickness (higher values of kp) is required for 
the pinion tooth to achieve the balanced fillet stress between the 
pinion and gear for the higher values of i and ao. However, the 
effect of change in tooth thickness coefficient kp (from standard 
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(LPTC)p Contact position (X/p^) {HPTC)^ 



(LPTC)^ Contact position (X/pj,) (HPIQ^ 


(a) Variation of load share at different contact 
position along the line of action 


(c) Variation of EHL film thickness at different contact 
position along the line of action 


(e) Variation of contact stresses at different contact 
position along the line of action 



(LPTOp 

(HPTC) 


Contact Position (X/pj^) 


(HPTOp 

(LPTCV 


(b) Variation of maximum fillet stresses at different contact 
position along the line of action 



(LPTC)^ Contact position (X/p^) (HPTC)j, 


(d) Variation of semi contact width at different contact 
position along the line of action 



in' 1 Ljp Contact position (X/p^) (HPTC)^ 

(f) Variation of sliding distance at different contact 
position along the line of action 



(g) Variation of wear depth at different contact 
position along the line of action 


Fig. 10. Influence of teeth number on non-standard pinion (For m=l, i=1.5, ao=20° and ya=l). 


value to non-standard value) on maximum balanced fillet stress 
decreases with increasing number of teeth. Hence, a reduced tooth 
thickness (lower values of kp, but > 0.5) is enough for the pinion 
tooth to achieve the balanced fillet stress between the pinion and 
gear for the higher values of Zp. (Table 3). 

5. The load share in the double pair contact region AB decreases 
with an increase in i (Fig. 8(a)). As the value of i increases, the 
maximum balanced fillet stress decreases which is mainly due 
to the combined effect of an increase in tooth thickness 
coefficient (kp) and decrease in bending moment arm in the 
non-standard pinion (Fig. 8(b)). Due to the increase in i, the 
contact pressure decreases throughout the mesh cycle. Hence, 
the wear depth decreases ultimately (Fig. 8(e and g)). 

6. The change in the values of load share is found to be insignificant 
at LPTC (point A) and HPSTC (point C) due to the increase in ao 
(Fig. 9(a)). However, a sizable decrease in the highest balanced fillet 
stress, contact pressure and wear depth (at region AB) are observed 
with the increase in Uo (Fig. 9(b, e, and g)). 

7. As Zp increases, the maximum balanced fillet stress decreases 
due to the decrease in bending moment arm (shifting of point C 
towards pitch point) (Fig. 10(b)). Even though the load share 
increases at the double tooth contact region AB (due to decrease 
in kp) (Fig. 10(a)), the contact pressure decreases (Fig. 10(e)) due 
to the corresponding increase in radius of curvature at the 


respective contact points (Rp and Rg) which tends to decrease 
the wear depth throughout the mesh cycle for the higher values 
of Zp (Fig. 10(g)). 

Through this study on wear depth in the pinion and gear, it is 
concluded that the use of non-standard pinion and gear of unequal 
tooth thickness, and judicial change in gear and drive parameters 
is justified and proved as one of the possible solutions for the 
enhancement of wear resistance and load carrying capacity of the 
gear tooth in bending and contact. 
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